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Abstract

This study numerically investigates the impinging cooling of porous metallic foam heat sink. The analyzed para-
meters ranges comprise e = 0.93/10 PPI Aluminum foam, L/W = 20, Pr = 0.7, H/W = 2–8, and Re = 100–40,000.
The simulation results exhibit that when the Re is low (such as Re = 100), the Numax occurs at the stagnation point
(i.e. X = 0). However, when the Reynolds number increases, the Numax would move downwards, i.e. the narrowest part
between the recirculation zone and the heating surface. Besides, the extent to which the inlet thermal boundary condi-
tion influences the prediction accuracy of the Nusselt number increases with a decreasing H/W and forced convective
effect. The application ranges of H/W and Re that the effect of the inlet thermal boundary condition can be neglected
are proposed. Lastly, comparing our results with those in other studies reveals that the heat transfer performance of the
Aluminum foam heat sink is 2–3 times as large as that without it. The thermal resistance is also 30% less than that of the
plate fin heat sink for the same volumetric flow rate and the 5.3 mm jet nozzle width. Therefore, the porous Aluminum
foam heat sink enhances the heat transfer performance of impinging cooling.
� 2005 Elsevier Ltd. All rights reserved.
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1. Introduction

Recent studies have focused on the heat transfer
characteristics of the porous metallic foam heat sinks
[1–6], with almost all of them discussing the heat transfer
improvement of the porous metallic foam heat sinks
under the cross channel flow, or measuring the heat
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transfer coefficient between the fluid flow and foam
structure with experimental methods. However, a more
direct cooling mode is to blow air to impinge normally
onto the heat sink from a frontal direction. Martin [7],
Polat et al. [8], and Jambunathan et al. [9] studied the
heat convection between the impinging jet flow and the
solid surface. According to their results, the Nusselt
number could be increased by narrowing the distance
between the jet nozzle and the heating surface, increas-
ing the Reynolds number, or applying the parabolic
velocity profile at the exit of jet nozzle. Although the
heat transfer between the impinging jet flow and fin heat
sinks has received considerable interest [10–15], the
ed.

mailto:tsc@ctu.edu.tw
mailto:tsc33@ms32.hinet.net                       


Nomenclature

C1 parameter for inlet thermal boundary condi-
tion, see in Eq. (10)

CF inertial coefficient of the porous medium
d diameter of fiber or sphere of the porous

medium (m)
Da Darcy number (K/W2)
H height of the heat sink (m)
hv volumetric heat transfer coefficient [W/

(m3 �C)]
K permeability of the porous medium (m2)
k thermal conductivity of fluid [W/(m �C)]
L length of the heat sink (m)
Nu Nusselt number at the heating surface

(hW/kf)
Nufs fluid-to-solid Nusselt number based on the

fiber diameter (Nufs = hvd
2/kf)

Nu�fs fluid-to-solid Nusselt number based on the
jet width (Nufs = hvW

2/kf)
Pr Prandtl number (m/a)
PPI pore per inch
Q flow rate at the jet exit (m3/min)
R thermal resistance (�C/W, Eq. (18))
Re Reynolds number based on the jet velocity

and jet width (qfVjW/l)
Red Reynolds number based on the local

velocity and fiber diameter ðRed ¼
qf

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
u2 þ v2

p
d=lÞ

T temperature (�C)
u velocity in jet transverse direction (m/s)
U dimensionless velocity in jet transverse

direction (u/Vj)

v velocity in jet streamwise direction (m/s)
V dimensionless velocity in jet streamwise

direction (v/Vj)
W width of the slot jet nozzle
x, y Cartesian coordinates
X, Y dimensionless Cartesian coordinates (x/W,

y/W)
Dp pressure drop (Pa)

Greek symbols

e porosity or void fraction of the porous med-
ium

l viscosity
h dimensionless temperature [(T � Tj)/(Tw �

Tj)]
q density
x vorticity
W stream function

Subscripts

d thermal dispersion
D hydraulic diameter of the jet nozzle
f fluid
j jet nozzle
max maximum
s solid or stagnation
w channel wall

Superscript

* equivalent
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impinging cooling of the porous metallic foam heat sinks
has seldom been studied.

Fu and Huang [16] numerically investigated the ther-
mal performances of various shape porous blocks under
the fully unconfined slot jet. They employed the empiri-
cal formula of porous properties of a packed spherical
bed in solving momentum equation. Additionally, they
assumed that the fluid and porous medium is at local
thermal equilibrium, then the one-equation model could
be utilized to build an energy equation. Their study re-
sults indicated that the key element that affect the total
performance of porous blocks is the amount of flow that
gets close to the heating surface. Restated, more blowing
fluid that accesses the porous medium and reaches the
heating surface implies a more improved performance.
Relevant effect factors include the ratio of the tip gap
to the the jet nozzle width, the shape of the porous med-
ium, the porous medium type and the fluid type, the
velocity profile at the outlet of jet nozzle, and the Rey-
nolds number. Fu and Huang [16] only mentioned the
Reynolds number to derive the shape of the porous med-
ium with the optimum thermal performance. Other
than, building an energy equation with the one-equation
model when the fluid and the porous medium has not yet
reached local thermal equilibrium would misjudge the
heat transfer performance and the influence of the inlet
thermal boundary condition on the numerical simula-
tion would be ignored. Conversely, the influence of the
inlet thermal boundary condition should not be ne-
glected, particularly when the Reynolds number is low.
Hwang et al. [17], Jeng and Hung [18] have already pro-
posed this notion.

This work discusses how the height of the aluminum
foam heat sink and the Reynolds number influence the
flowing characteristic and the Nusselt number to demon-
strate a primary understanding. Especially the two-
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equation model is applied in the numerical simulation,
which would bring a more exact predication on the heat
transfer performance when the Reynolds number is low.
A systematical investigation is also performed to under-
stand how the inlet thermal boundary condition influ-
ences the numerical simulation. Finally, a comparison
with the plate fin heat sink is made to more thoroughly
understand the heat transfer enhancement of the porous
metallic foam heat sink during impinging cooling.
Fig. 2. Computational configuration.
2. Numerical model

2.1. Basic assumptions and governing equations

Fig. 1 illustrates a physical configuration of this
study. The aluminum foam heat sinks are positioned
on the sealed module of multi-chips and restricted within
a rectangular channel made of the thermal insulating
material. A slot jet is located above the channel from
which the air is blown for impinging cooling. While
the two sidewalls of the channel are thermal insulating,
the entire structure can be simplified as a two-dimen-
sional issue. Fig. 2 depicts the computational configura-
tion of this study and assumes the symmetrical
computing domain. L and W, respectively denote the
length of the heat sink and the width of the slot jet. H
signifies the height of the heat sink and there is no gap
between the heat sink and the top wall of the channel.
The blown air has a uniform velocity and temperature,
and the heating surface is isothermal. To assist the
numerical simulation of this issue, the following assump-
tions are also made: (1) the structure of the porous med-
ium is homogenous and isotropic; (2) the fluid flow is in
a steady state, laminar and incompressible; (3) the ther-
mophysical properties of the fluid and porous media are
invariant; (4) the local non-thermal equilibrium between
Fig. 1. Physical configuration.
the porous medium and fluid stream exists. Besides, the
dimensionless parameters are adopted as following:

X ¼ x
W

; Y ¼ y
W

; U ¼ u
V j

; V ¼ v
V j

; Pr ¼ mf
af
;

P ¼ p

qfV
2
j

; Da ¼ K

W 2
; Re ¼ qfV jW

l
;

UM ¼
ffiffiffiffiffiffiffiffiffiffiffiffiffiffi
u2 þ v2

p

V j

; h ¼ T � T j

T w � T j

; Nu�fs ¼
hvW 2

kf
ð1Þ

meanwhile the vorticity (x) and the stream function (W)
are introduced as

x ¼ � oU
oY

þ oV
oX

; U ¼ oW
oY

; V ¼ � oW
oX

ð2Þ

then, the following dimensionless equations are
obtained:

�x ¼ o2W

oX 2
þ o2W

oY 2
ð3Þ

U
ox
oX

þV
ox
oY

¼� e2

ReDa
x� e2CFUMffiffiffiffiffiffi

Da
p x

þ e2CFffiffiffiffiffiffi
Da

p U
oUM

oY
�V

oUM

oX

� �

þ e
Re

o2x

oX 2
þo2x

oY 2

� �
ð4Þ

U
ohf
oX

þV
ohf
oY

¼ Nu�fs
RePr

hs�hfð Þþ 1

RePr
o

oX
k�f þ kd
kf

� �
ohf
oX

� ��

þ o

oY
k�f þ kd
kf

� �
ohf
oY

� ��
ð5Þ

0 ¼ Nu�fsðhf � hsÞ þ
k�s
kf

o2hs
oX 2

þ o2hs
oY 2

� �
ð6Þ
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2.2. Boundary conditions

Relevant boundary conditions are shown as follows:

W ¼ 0; x ¼ 0;
ohf
oX

¼ ohs
oX

¼ 0 for X ¼ 0 ð7Þ

o
2W

oX 2
¼ 0;

ox
oX

¼ 0;
ohf
oX

¼ 0;

Nu�fsðhs � hfÞ ¼
k�s
kf

o2hs
oY 2

� �
for X ¼ L=ð2W Þ ð8Þ

W ¼ 0; x ¼ �o2W

oY 2
; hf ¼ hs ¼ 1 for Y ¼ 0 ð9Þ

W ¼ X ; x ¼ �o
2W

oY 2
; hf ¼ 0;

k�s
k�f þ kd

ohs
oY

¼ C1
W
d

Re
d
W

� �0:5

ðhf � hsÞ

for Y ¼ H=W and in-flow surface ð10Þ

W ¼ 0:5; x ¼ �o2W

oY 2
;

ohf
oY

¼ ohs
oY

¼ 0

for Y ¼ H=W and insulated surface ð11Þ

At the in-flow surface, the heat convection between
the fluid and solid is assumed to be the impinging jet flow.
A similar form of the local heat transfer rate at the in-flow
surface like as that reported by Ma and Bergles [19] is
then applied in Eq. (10). The C1 (see Eq. (10)) is a param-
eter for the inlet thermal boundary condition and will be
discussed in the Results and discussion section.

2.3. Thermophysical properties

Table 1 presented the porous properties of aluminum
foam heat sinks studied herein, including the permeabil-
ity (K) used in Eqs. (1) and (4), the inertial coefficient
(CF) used in Eq. (4), the empirical correlation of fluid-
to-solid Nusselt number (Nufs = hvd

2/kf) used in Eqs.
(1), (5), (6) and (8) and others. The K and CF values were
determined by the method described by Hunt and Tien
[1]. The volumetric heat transfer coefficient between
the aluminum foam and the cooling fluid (hv) was
measured by Jeng et al. [6] employing the single-blow
method. Moreover, the values of k�f and k�s employ the
Table 1
Relative properties of porous aluminum foam heat sinks (Jeng
et al. [6])

Specimens (a) (b) (c)

e 0.93 0.93 0.93
PPI 10 20 40
d [mm] 0.4 0.21 0.11
K [m2] · 10�8 7.838 5.308 2.717
CF 0.019 0.020 0.020
C ¼ Nufs=Re1:277d 1.77 · 10�3 2.49 · 10�3 6.22 · 10�3

Note: Red ¼ qf
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
u2 þ v2

p
d=l, Nufs = hvd

2/kf.
empirical formula proposed by Calmidi and Mahajan
[20].

k�f ¼ ekf ð12Þ

k�s ¼ 0:181ð1� eÞ0:763ks ð13Þ

Relevant thermal dispersion conductivity adopts the
empirical formula revised by Calmidi and Mahajan [4].

kd ¼ 0:06RePr
ffiffiffiffiffiffi
Da

p
UMkf ð14Þ
3. Numerical procedure and data reduction

This study employs the power-law to disperse the
equations and uses the SIS solver proposed by Lee [21]
to resolve related dispersed equations. The numerical
procedure initially resolves the vorticity and the stream
function by alternant iterations, then uses the vorticity
and the stream function to resolve the velocity field,
which is subsequently substituted into the fluid energy
equation. Additionally, the solid and fluid energy equa-
tions are solved by alternant iterations and then the solid
and fluid temperature fields are acquired. All of the res-
olutions are subject to the grid test and convergent test.
Owing to the large variation in the H/W value, the grid
system is divided into four types to fit the physical mod-
el. The grid points, in an x�y coordinate system, are
125 · 51, 125 · 101, 125 · 151, and 125 · 201, respec-
tively. The grid size decreases with a smaller H/W value.
The grid size test was conducted, thus confirming the
accuracy and consistency of the calculation results for
various grid systems. Table 2 lists the results of the
grid-dependence test. The relative differences ofW values
at the specific point are with ±0.03% at Pr = 0.7 and
Re = 4000. The iteration is terminated when the vari-
ables satisfy the criterion as

X
i;j

F nþ1
i;j � F n

i;j

F nþ1
i;j

�����
����� 6 5� 10�5 ð15Þ

where F represents W, x, and h. The subscripts i and j

show the ith and the jth grid in x and y direction, respec-
tively. The superscript n indicates the nth iteration.

Major parameters of heat transfer performance ob-
served in this study are the Nusselt number and thermal
resistance, which are respectively defined as follows:

Nu ¼ hW
kf

¼ � k�f
kf

ohf
oY

� �
Y¼0

� k�s
kf

ohs
oY

� �
Y¼0

ð16Þ

Nu ¼ 2W
L

Z L=2W

0

NudX ð17Þ

R ¼ 1

Nu

W

kfL2
ð18Þ



Table 2
Grid-dependence test at Pr = 0.7 and Re = 4000

H/W = 2 H/W = 4 H/W = 6 H/W = 8

Grid size 61 · 25 125 · 51 61 · 33 125 · 101 61 · 51 125 · 151 61 · 71 125 · 201

W 0.4504 0.4505 0.4503 0.4505 0.4503 0.4506 0.4505 0.4508
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4. Results and discussion

This study takes a porous aluminum foam heat sink
with e = 0.93 and a pore density of 10PPI (pore per
inch). Aluminum foams (Fig. 3) are typically available
in high porosities (e > 0.9) and have an open-celled
structure. The ratio of the heat sink length to the jet noz-
zle width (L/W) equals 20. The jet nozzle width (W) is
5 mm and the Prandtl number (Pr) is 0.7. The parame-
ters of interest in the study are the ratio of the heat sink
height to the jet nozzle width (H/W) and the Reynolds
number (Re). The ranges of these two parameters are
H/W = 2–8 and Re = 100–40,000. Notably, the jet Rey-
nolds number used in the present study is up to 40,000.
In the pure fluid region, the condition of the flow pattern
should be turbulent. However, as noted by Antohe and
lage [22], the nature of turbulence in porous media is still
a controversial issue. Besides, according to the imping-
ing round jet studies in a cylindrical enclosure with a
porous foam layer reported by Prakash et al. [23], there
are few changes for the flow patterns (Re = 19,000 and
30,000) in the porous region predicted by two different
turbulence models and a laminar model. Since the pres-
ent system does not have any pure fluid region, using a
laminar model to simulate the fluid flow and thermal
behavior in the porous region with a large Re is still
valuable.
Fig. 3. Picture of a typical aluminum foam sample (e = 0.93/
10PPI).
4.1. Effect of H/W and Re on flowing characteristic

Fig. 4 depicts the contour map of the stream function
with H/W = 2 and various Reynolds numbers, indicat-
ing that a low Reynolds number causes the impinging
jet flow to flow smoothly along the jet transverse direc-
tion. When the Reynolds number increases, more fluid
can penetrate the porous structure of aluminum foam
to reach near the heating surface, subsequently forming
a recirculation zone. Notably, the effective flowing chan-
nel is located between the recirculation zone and the
heating surface. Additionally, the narrowest part of the
effective flowing channel would have the best heat trans-
fer effect due to the acceleration effect of cooling fluid.
This phenomenon is more noteworthy as the Reynolds
number increases. The fluid that flows along the jet
transverse direction would expand gradually and be-
come uniform within the entire bounded channel. From
the characteristic of this fluid flow it indicates: when
H/W and Re are fixed, a larger recirculation zone implies
Fig. 4. Stream function contours at H/W = 2 for various
Reynolds number.
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an enhanced heat transfer effect. However, a larger recir-
culation zone also implies a larger permeability (K) or a
larger porosity, the limiting case is without heat sink;
and a larger permeability decreases the extended thermal
dispersion surface. Therefore, the heat sinks, as H/W
and Re are fixed, should exist a most favorable porosity
and pore density for maximum cooling performance.
Fig. 5 shows the stream function chart at H/W = 2
Fig. 5. Stream function contours at H/W = 2 and H/W = 8 for
Re = 4000.
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Fig. 6. Dimensionless temperature contours at H/W = 2 and H/W
and H/W = 8 for Re = 4000, indicating that decreasing
the H/W increases the turning acceleration and the
velocity in the jet transverse direction. However, bigger
H/W would also yield a larger extended thermal disper-
sion surface. Therefore, for the fixed porosity, pore den-
sity and Re, the heat sink should also exist an optimal
H/W value for the best heat transfer performance.
Fig. 6 is provided to investigate the dimensionless tem-
perature distribution. The typical system at H/W = 2
and 8 for the maximum Reynolds number (Re =
40,000) is employed. From the contour maps, it demon-
strates that the fluid temperature distribution is different
from the solid temperature distribution. So the system is
not under a local thermal equilibrium condition for the
ranges of parameters studied herein. Therefore, the sim-
ulations by using a two-equation model may not suit for
the present system.

4.2. Effect of inlet thermal boundary condition on

predicting Nu

Fig. 7 shows the variation in distributions of the Nus-
selt number along the jet transverse direction for differ-
ent H/W and Re. A low Reynolds number (e.g.,
Re = 100) causes the maximum Nusselt number to reach
the stagnation point (i.e. X = 0). An increasing Rey-
nolds number causes the maximum Nusselt number to
move downwards. This point is also the narrowest part
between the recirculation zone and the heating surface.
This can be confirmed in Figs. 4 and 5. The influence
of the inlet thermal boundary condition on the numeri-
cal prediction would then be examined. C1 (see Eq. (10))
is the parameter for the inlet thermal boundary condi-
tion. A situation in which C1 = 0 implies that the
solid–fluid interface at the inlet is in adiabatic condition.
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Additionally, C1 tends to be infinite, implying that the
solid and the fluid have reached local thermal equilib-
rium. These are two limiting conditions. Fig. 7 reveals
that when H/W and Re decrease, the numerical predic-
tions of the Nusselt number deviate further under these
two limiting conditions. Although the assumption that
C1 tends to be infinite is common, Hwang et al. [17],
Jeng and Hung [18] proved the conditions that the solid
conduction heat transfer is equal to the convective heat
transfer between solid and fluid at the inlet is reasonable
(which is between the two limiting conditions). This
study sets E(%) as the deviation percentage due to the
inlet thermal boundary condition and defines it as

Eð%Þ ¼ ðNusÞc1¼1 � ðNusÞc1¼0

ðNusÞc1¼1
� 100% ð19Þ

where (Nus)c1 =1 means the stagnation Nusselt num-
ber for the assumption of hf = hs at the flow-in surface
and (Nus)c1 = 0 presents the stagnation Nusselt number
for the assumption of ohs/oY = 0 at the flow-in surface.
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Fig. 8 illustrates the change of E(%) dependent on Re

at various H/W. Take E(%) < 10% which is acceptable,
the range that the inlet thermal boundary condition
not influencing the numerical prediction is: if
H/W = 2, Re > 4000; if H/W = 4, Re > 1500; and if
H/W = 6 and H/W = 8, then no influence on Re exists.

4.3. Effect of H/W and Re on Nus, Numax and Nu

According to above discussion, the range that the in-
let thermal boundary condition not influencing the pre-
diction of the Nusselt number is Re > 4000 for H/W =
2–8. Therefore, if the inlet thermal boundary condition
is uncertain, the discussion extent is limited to
Re > 4000. To observe how H/W and Re influence the
stagnation point Nusselt number (Nus) and the maxi-
mum Nusselt number (Numax), this study induces the
correlations of Nus and Numax as

Nus ¼ 4:02ðH=W Þ�0:7Re0:5 ð20Þ
Numax ¼ 0:75ðH=W Þ�0:7Re0:7 ð21Þ

The average error deviations of Eqs. (20) and (21) are
11.1% and 9.3%, respectively. The stagnation point Nus-
selt number (Nus) and the maximum Nusselt number
(Numax) increase with a rising Re or decreasing H/W.
Furthermore, Gardon and Akfirat [24] examined the
impinging cooling of the unconfined slot jet flow without
a heat sink and yielded the correlation for the stagnation
point Nusselt number (Nus) as

Nus ¼ 1:73ðH=W Þ�0:62Re0:58 ð22Þ

The scope of application is H/W = 15–50 and
Re=1905–20,955. Plotting (20) through (22) shown in
Fig. 9 reveals that Nus and Numaxwith the porous alumi-
num foam heat sink are 2–3 times as large as that with-
out the heat sink. Therefore, the impinging cooling
performance could be effectively improved with the por-
ous aluminum foam heat sink. The average Nusselt
number value (Nu) is enhanced and benchmarked by
the fluid FC-72 slot jet impinging cooling by Wadsworth
and Mudawar [25] and the following empirical correla-
tion is made

NuL=Pr1=3 ¼ 3:06Re0:5D þ 0:099Re0:664D ½ðL� W Þ=W �0:664

ð23Þ

The scope of application is H/W = 1–20, (L�W)/
W = 24–99 and ReD = 1000–30,000. The present numer-
ical study also stimulates a correlation of Nu as follows:

Nu ¼ 0:862ðH=W Þ�0:442Re0:6 ð24Þ

The average error deviation of Eq. (24) is 10.2%. Eqs.
(23) and (24) are included in Fig. 10 and Nu with the alu-
minum foam heat sink are 2–4 times as large as that
without it.
4.4. Comparison with the thermal performance of the

plate fin heat sink

Kondo et al. [12] evaluated the thermal performance
of the plate fin heat sink under a confined slot jet. The
plate fin heat sink they employed in the test had a width
and length of 60 mm, the height and thickness of the fin
are 8 and 1 mm, respectively. The interval between fins is
2.7 mm (about 0.72 porosity). The widths of the jet noz-
zle are 1.3 mm and 5.3 mm. Since that study also exam-
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ines the impinging cooling of the slot jet, therefore its
experimental results are ideal for benchmarking. The
comparative results of thermal performance are shown
in Fig. 11. The heat transfer performance of the porous
aluminum foam heat sink is more improved than that of
the plate fin heat sink. For example, as the width of the
jet nozzle is 5.3 mm, the thermal resistance of the porous
aluminum foam heat sink is 30% less than that of the
plate fin heat sink. Besides, the rise of pressure drop is
an important factor when using a porous material for
heat transfer enhancement. The total pressure drop is
contributed by the jet nozzle and the porous material.
The pressure drop from the jet nozzle can be estimated
by using the correlation in the zonal model reported
by Kondo et al. [12]. The pressure drop from the porous
material can be predicted by integrating the pressure
gradient along the symmetric line and the bottom chan-
nel wall. Therefore, the total pressure drop is

Dp ¼ 0:75qfV
2
j þ qfV

2
j �

Z L=2 W

0

1

eRe
ox
oY

	 

Y¼0

dx
� �

ð25Þ

Fig. 12 depicts that the comparative results of pres-
sure drop. The data presents that the pressure drop of
the porous aluminum foam heat sink is 10% more than
that of the plate fin heat sink for the same volumetric
flow rate and the 1.3 mm jet nozzle width. However,
the pressure drop of the porous aluminum foam heat
sink is quit consistent with that of the plate fin heat sink
for the same volumetric flow rate and the 5.3 mm jet
nozzle width, indicating that the pressure drop is primar-
ily from the jet nozzle as the flow rate is Q (m3/
min) = 0.1–1.0.
5. Conclusions

This study numerically simulates the impinging cool-
ing of the porous aluminum foam heat sink in the two-
equation model. The simulation material is a porous alu-
minum foam heat sink with e = 0.93 and a pore density
of 10PPI. The ratio of the heat sink length to the jet noz-
zle width (L/W) equals 20 and the Prandtl number (Pr)
is 0.7. The discussed parameters include H/W = 2–8 and
Re = 100–40,000. Based on the results of this study, we
conclude the following:

1. A low Reynolds number (e.g., Re = 100) causes the
maximum Nusselt number to reach the stagnation
point (i.e. X = 0). However, when the Reynolds num-
ber increases, the maximum Nusselt number moves
downwards, i.e. the narrowest part between the recir-
culation zone and the heating surface.

2. When H/W and Re decrease, the inlet thermal
boundary condition significantly influences the
numerical prediction accuracy of the Nusselt num-
ber. Take E(%) < 10% which is acceptable, the scope
in which the inlet thermal boundary condition does
not influence the prediction accuracy of the Nusselt
number is: if H/W = 2, Re > 4000; if H/W = 4,
Re > 1500; if H/W = 6 and H/W = 8, then there is
no influence on Re.

3. The Nusselt number with the porous aluminum foam
heat sink is 2–3 times as large as that without it. The
thermal resistance of the porous aluminum foam heat
sink is 30% less than that of the plate fin heat sink for
the same volumetric flow rate and the 5.3 mm jet
nozzle width. Therefore, the porous aluminum foam
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heat sink can enhance the heat transfer performance
of impinging cooling.
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